MATEC Web of Conferences 272, 01022 (2019)
ICFMCE 2018

https://doi.org/10.1051/matecconf /201927201022

Parameter-adaption for a vehicle dynamics
model for the evaluation of powertrain concept
designs
C Angerer1,3,*, B Mößner1, M Lüst1, S Büchner1, F Sträußl2,3 , and M Lienkamp1
Institute of Automotive Technology, Technical University of Munich, Garching, Germany
TUM School of Management, Technical University of Munich, Garching, Germany
3
Center for Design Research, Stanford University Stanford, CA, USA
1
2

Abstract. The powertrain design of multi-motor electric vehicles directly
affects not only costs, consumption and acceleration, but also the handling
of a vehicle. Therefore, a holistic powertrain design optimization needs to
include a vehicle dynamics model in its objective function. While the
parameters for the powertrain model result from the design variables that
describe the powertrain, the parameters for the vehicle dynamics model
must be adapted in a feasible way to ensure comparable results. Therefore,
the authors present a method on how to adaptively parametrize a doubletrack vehicle dynamics model for the use in powertrain design optimization.
Automated design calculations for all main chassis and suspension parts
are used to determine the parameters for the model. A parameter variation
proves the plausibility of the approach. The results show that an adaption
of the suspension and chassis parameters due to changes in the powertrain
make results more comparable but do not compensate for the effects on the
vehicle handling. In particular, the steady state longitudinal load
distribution still has major influences on the vehicle handling.

1 Introduction
Design optimization of vehicle powertrains is a state-of-the-art method to find optimal
system and component designs within a large solution space. A set of design variables
defines a certain design and serves as input for an objective function that represents the
system or component behavior. The resulting objectives determine the optimality of the
system design and are analyzed by optimization algorithms that are applied to it.
While it is sufficient for internal combustion engine (ICE) vehicles to consider the
powertrain and the vehicle’s longitudinal dynamics, the design of multi-motor electric
vehicle (EV) powertrains can have major influences on the handling of a vehicle because
multi-motor electric powertrains have the potential to improve handling and efficiency at
the same time [1] (while for ICE the cross-dependencies between efficiency, vehicle
dynamics and powertrain design can more easily be separated). As a consequence the
vehicle handling must be considered as objective in a powertrain design optimization [2].
*
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Therefore the authors develop a powertrain design optimization that includes holistic
objectives (costs, consumption, performance and handling). Figure 1 visualizes the overall
approach in more detail. A set of design variables (nominal speeds and torques etc.)
determines a certain powertrain (topology, choice and sizing of components) [3]. The
objective function is split into three main steps. Firstly, the preprocessing calculates
parameters for the simulation models such as efficiency maps. Next, driving maneuvers are
simulated and thus determine the systems physical behavior. Finally, an evaluation
determines the objectives (scalar values) based on the simulation results (physical
quantities over time).
The objective function for the design optimization of multi-motor EV also needs to
represent the handling properties and must therefore contain a vehicle dynamics model in
addition to the powertrain model [2]. Nevertheless, the design variables still only describe
the powertrain design and do not provide information about the parameters of the vehicle
dynamics model. The parameters cannot be held constant as a variation of the powertrain
also causes modifications on chassis and suspension design that must be taken into account
to ensure comparable results. Additionally, multi-motor EV powertrains offer more degrees
of freedom regarding torque actuation. On the one hand, this is the main reason for its
potential regarding efficiency and handling, but on the other hand it requires a torque
allocation. This torque allocation must be adaptive to ensure that the different objective
values represent the effects of the modified design variables and do not mainly depend on
the parameters for the torque allocation.
Therefore, the authors of this paper present an approach for a parameter adaption of a
vehicle dynamics model within a powertrain design optimization for multi-motor electric
vehicles.

Fig. 1. Optimization Process with Parameter Adaption included in the Objective Function.

2 Literature Review
A literature review first proves the relevance of handling aspects in powertrain design
optimization. The second subsection reviews examples for vehicle design optimization and
the following presents the state of the art in investigations of multi-motor EV. Based on that,
the research gap concludes the need for a parameter adaption for vehicle dynamics models
to be used in powertrain design optimization.
2.1 Relevance of Powertrain Design for Vehicle Dynamics
The powertrain design affects vehicle dynamics mainly with respect to torque and weight
distribution. In most cases, ICE vehicles have their motor and gearbox located in the front
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and therefore the weight distribution is determined in advance. The distribution of torque in
the longitudinal direction is determined by the powertrain architecture (front-wheel drive
(FWD), rear-wheel drive (RWD) or all-wheel drive (AWD)). The lateral distribution of
torque usually is equally balanced by common differentials. Torque vectoring systems or
limited slip differentials can modify that but are optional components for the vehicle that
can be considered separately in addition to any ICE powertrain design.
In contrast to that, electric vehicle powertrains are likely to have more than one motor
[4]. This results from the fact that multi-motor electric powertrains can recover more
kinetic energy [5] and improve efficiency by more than 2 % [6]. As a consequence, lateral
or longitudinal distribution of torque can not only be achieved by equipping the vehicle
with extra components such as a torque vectoring unit, but also by the general choice of the
powertrain design. This enables a flexible distribution of torque in longitudinal and/or
lateral direction that - according to [7] - can influence the handling of a vehicle. It allows
for improvements in steady-state as well as transient vehicle characteristics [8] and
enhances acceleration on µ-split conditions [6]. Finally, multi-motor electric vehicles even
have the potential to improve handling and efficiency at the same time [1]. Therefore, the
powertrain design for multi-motor electric vehicles, in particular for electric AWD vehicles,
has large effects on the vehicle dynamics.
2.2 Vehicle Design Optimization
Design optimization is a state of the art method to find the optimal system design in a large
solution space using an objective function, which represents the real system, and
considering boundary conditions. Hereby, the solution space defines the ranges of values of
the design variables. The objective function represents the correlation between the choice of
design variable values and the resulting objective values. An optimization algorithm is
applied to find the minimum (or maximum) objective value for any possible set of design
variable values within the solution space [9, 10]. Multi-objective optimization is required
when there is more than one objective and an aggregation by using a weighting function is
not possible such as for non-convex objective functions [11]. In the following, the authors
only consider static optimization (design variables originate from Euclidean Space) in
contrast to dynamic optimization or dynamic programming (design variables originate from
Hilbert Space) which is used for optimal control problems [9].
Static optimization for vehicle design has various fields of applications. It is applied on
component level [12–14] and on system level. On system level, common fields of
application are the vehicle structure [15, 16], the powertrain design [17–20] as well as the
suspension design [21–23]. Each of the approaches for powertrain or suspension design
optimization is limited to its field of research and does not take into account further systems
such as vehicle dynamics in powertrain design optimization.
2.3 Adaption of Parameters for Multi-Motor Electric Vehicles Simulation
Research on multi-motor EVs available in literature [1, 4–6, 24] examines a certain (set of)
example(s) but does not optimize the powertrain design holistically. For these applications,
parameters of the vehicle dynamics model can be adapted manually or kept constant. In
contrast to this, powertrain optimization requires an automated evaluation of the objective
function. A manual adaption is not feasible, and the parameters need to be adapted
automatically.
2.4 Research Gap
The state of the art proved that
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a)

powertrain design for multi-motor EV needs to consider vehicle dynamics.
Therefore, powertrain design optimization requires a vehicle dynamics model
in its objective function to include the vehicle handling in the objectives
(Section 2.1. )
b) existing powertrain design optimization approaches in literature do not
consider the influences of neighboring systems / other domains (such as
vehicle dynamics for powertrain design) (Section 2.2. )
c) existing investigations of multi-motor EV powertrains are limited to exemplary
studies of a certain powertrain design or a comparison of a limited number of
design options, but do not apply optimization to it (Section 2.3. )
While a) proves the need of considering vehicle dynamics in powertrain design
optimization for multi-motor EVs, b) and c) prove that such a holistic powertrain design
optimization has not been conducted yet. The integration of a vehicle dynamics model
causes the problem that its parameters do not directly result from the design variables as
these only describe the powertrain design (Figure 1). Nevertheless, the vehicle dynamics
model parameters must be adapted due to changes in weight distribution and total weight,
resulting from modifications in the powertrain design.
Therefore, the authors present a method to automatically adapt the model parameters of
a double-track vehicle dynamics model (according to [25]) for use in the objective function
of a powertrain design optimization approach. The development of the parameter adaption
method serves its future application in a holistic powertrain concept optimization for
electric vehicles with a focus on multi-motor configurations.

3 Parameter Adaption for Vehicle Dynamics Model
According to Figure 1, the design variables serve as inputs for the powertrain design
calculations. In the next step, the resulting powertrain parameters are forwarded to the
parameter adaption. The final parameters afterwards are forwarded to the vehicle dynamics
model, which in this study is an enhanced double-track model according to the
implementation by [25]. Figure 2 visualizes the parameter adaption while the following
subsections explain each step of the process in detail.
3.5

3.5

3.6

3.2

3.4.1

3.4.2

3.3

3.3

3.1

Fig. 2. Visualization of the Parameter Adaption Process.

3.3

3.1 Segment Specific Input Parameters
The powertrain parameters from powertrain design calculation are input to the parameter
adaption and define the powertrain. Furthermore, the glider (vehicle without powertrain)
needs to be characterized. Therefore, segment specific glider parameters must be chosen.
They can either represent a certain vehicle or a whole vehicle segment using average values.
The glider parameters are required as inputs for the subsequent mass calculation of each
component. This mass calculation is based on regression analyses by [26]. The segmentspecific glider parameters are:
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Dimensions: track width, wheel base, height, overhang front and rear,
Aerodynamic data (drag coefficient, frontal area)
Geometric data for mass estimation: inclination angles of front screen, side and
rear windows
Tire model, dimensions and rolling resistance
Comfort and acoustic characteristic values
Target range for a certain drive cycle

3.2 Drivetrain & Glider Masses
While the powertrain masses result from the powertrain design calculation, the approach in
[26] is used to calculate the glider masses. The first step is to estimate the curb weight using
regressions based on the vehicle’s main dimensions. Then, all component masses are
calculated using component-specific regressions. Only the masses of the powertrain remain
unchanged, as they have already been determined by the choice of powertrain design. The
battery mass is calculated in order to provide the target range at current weight. To
accurately represent mass dependent components (such as brakes), this process is repeated
iteratively until the error between the newly calculated and the previous weight value is
negligibly small. By that, secondary mass effect such as smaller brake dimensions as a
result of lighter powertrain are considered.
3.3 Center of Gravity, Inertia and Battery Position
Subsequently, the center of gravity of the battery pack is adjusted iteratively in order to
achieve an equally balanced longitudinal load distribution. Geometric boundaries [29]
resulting from the vehicle package are considered. Therefore, the lateral distance between
the battery pack and the vehicles outer end of the side skirts is assumed to be 100 mm on
each side and the battery pack containing the cell stacks to be 100 mm in height. Taking
into consideration the volumetric energy density and a certain desired energy capacity, the
required battery length can be deduced. Hereby, battery auxiliaries, such as contactors,
battery management systems etc., are assumed to be placed elsewhere above the cell stacks.
Knowing the battery length as well as the wheel base, the available clearance for
positioning the battery longitudinal direction is determined. Subsequently, the position is
adapted within these borders in order to achieve a 50/50 weight distribution.
In the next step, the vehicle’s inertia is calculated. By positioning the components and
calculating their dimensions, the vehicle’s center of gravity as well as the vehicle’s inertia
can be determined. The results are validated against the inertia estimation method from [27].
3.4 Suspension Parameters
The suspension parameters are chosen as a trade-off between vehicle comfort and safety or
stability. Therefore, some mechanical quantities have been set constant. They might be
adapted for different vehicle types. The values used for further calculations are listed in
Table 1.
Table 1. Constant Values for Suspension Design.
Quantity

Value
1,4 Hz
1.15
0.3
1.6
2.5

쳌䁆
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3.4.1 Spring Rates
The spring stiffness is designed to achieve a certain undamped Eigen frequency. The total
Eigen frequency of the vehicle ω in dependence on the vehicles sprung mass m and the
spring stiffnesses of front cf and rear axles cr can be expressed by [28]:
(1)

䁆

By substituting each axle’s spring stiffness with respect to their partial mass and their
half vehicle Eigen frequency of front
and rear axle
t

䁆

t

t

(2
)

and introducing the weight distribution factor t
䁆 t
(3)
t
䁆
the correlation between the overall vehicle’s and the axle’s individual Eigen frequencies
can be derived:
(4)
[28] suggests a certain ratio
between the half-vehicle Eigen frequencies to achieve
good vehicle handling and comfort with respect to pitch dynamics.
(5)
Using (5) in (4) derives each axle’s Eigen frequency. With (2) each axle’s spring
stiffness can be calculated:
䁆

(6)

䁆

(7)

3.4.2 Damping Rates
The damper values are determined in a similar way. The constant target value is the desired
Lehr damping coefficient D for the sprung mass of the full vehicle. It depends on the mass,
the spring stiffness and the damping rate of front and rear axle.

[28] provides values for
damping coefficients:

(8)

䁆

that describe the ratio between the rear and front axles’ Lehr
(9)
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Analogous to the spring rates this yields the damping rates of front and rear axles:

t

䁆

(10)

䁆

(11)

In contrast to the springs, dampers for vehicles show a different behavior for different
operating directions. The ratio between rebound and compression damping coefficients
쳌䁆 is adapted from Preda [30].
Assuming

the compression

쳌tt

쳌䁆

쳌䁆

(12)

쳌䁆

to be the average of compression and rebound damping rate
쳌䁆

t

and rebound damping rates
쳌䁆

(13)
can be determined:

쳌䁆

쳌䁆

(14)
(15)

쳌䁆

3.5 Roll Center and Anti-Roll Bar Stiffness
The design of anti-roll bars has two objectives with respect to driving dynamics. On the one
hand, the roll stiffness from the anti-roll bars is added to the existing roll stiffness of the
body springs, to achieve the desired roll angle gradient. On the other hand, the distribution
of the roll torque between the front and rear axle offers the potential to significantly
influence the self-steer behavior of the vehicle. The distribution is designed to reduce the
front axle’s cornering stiffness relative to the rear axle so that ultimate traction failure under
lateral acceleration first occurs in the front, causing understeer and therefore ensuring a safe
driving behavior.
This effect has noticeable impact on the steering effort only at higher lateral
accelerations (> 0.4 g) due to the degression of tires [31, p.864], so that an interference with
the parameterization of suspension kinematics, which is assigned to determine the steering
effort at lower lateral accelerations, can be neglected. This allows a well-defined separation
between the parameterization for the steering effort and driving safety, which makes this
approach a clearly structured method.
Since the algorithm defines the ratio between front and rear anti-roll bar stiffness, this
already takes on the role of tuning the vehicle’s behavior at higher lateral acceleration in a
well-defined manner. Thus, it is not intended to additionally influence the vehicle’s selfsteer characteristics by altering the height of the roll centers. Referring to a comparison of
common values and the suggestion of [32, p.26] for a roll axis slope of 0° (between front
and rear axle) on state-of-the-art vehicles, both roll centers are set to a neutral, generic
value of 90 mm.
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The suspension system of the vehicle may be assumed to be symmetrical with respect to
the left and right sides of the vehicle. Furthermore, the front and rear roll stiffness is
assumed to contribute as parallel stiffness, so that one quarter of the vehicle can serve as
physical substitute model. To obtain the favored roll-angle gradient, the implemented antiroll bar stiffness is calculated as presented by Vilela et Barbosa [33]. The roll moment
depends on the mass 䁆, the lateral acceleration
and the Center of Gravity (CG) height
t:
䁆
䁆
(16)
t
䁆쳌 t

t
The support of the roll moment is divided into two parts. They are distributed in
accordance to the ratio between the distances from the ground to the roll axis height
on
the one hand and from the roll axis height to the CG height t
on the other hand.
Thereof, the first mentioned moment
䁆쳌 t is directly supported by the mountings of the
wheel carrier links, while the remaining share
 is supported by the suspension
(springs, dampers and anti-roll bars). As the roll center positions are assumed to be fixed,
both moments stay proportional to each other:
䁆
䁆

䁆쳌 t


t

(17)

t

䁆쳌 t is transferred only to the tire and not to the suspension springs. Therefore, the
tire deflection must consider vertical forces from both moments. By multiplying the actual

stiffness of the tire with

, the additional vertical force supported by the

t

mountings is considered, too. The reduced radial tire roll stiffness 쳌 t
includes the
track width and the vertical stiffness of the tire t . Reduced in that context means, that
the vertical stiffness is transferred into roll stiffness.
쳌 t

(18)

t

t

The roll stiffness of one axle’s suspension can be calculated by adding up the
contribution of the springs and the anti-roll bar:
쳌

  쳌

(19)

 涙

To calculate the total roll stiffness of one axle, it is necessary to add up not the stiffness
but the compliance of tire and suspension, since both are connected in series:
쳌 t쳌t

쳌

쳌tt

  쳌

(20)

쳌 t

Now the moment equilibrium around the roll axis of the vehicle with total stiffness from
both axles can be stated:
䁆

t

涙

쳌 t쳌t

쳌t

(21)

쳌 t쳌t

Mg represents an additional roll moment, which is caused by gravity, when the CG
moves in lateral direction due to roll motion. Therefore, the center of gravity lateral
position t of the vehicle has a slight offset when body roll occurs. It can be modelled by
a negative stiffness since the offset depends on body roll and turns negative when shifted to
the right side of equation (21):
䁆 涙 t
䁆 涙 t
(22)
涙
涙 ut
䁆

t

쳌 t쳌t

쳌t
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Lateral acceleration and roll angle are substituted by the desired roll-angle-gradient
The generic value for
䁆

.

is set to 0.45 s²/m.

t

쳌 t쳌t

쳌t

쳌 t쳌t

涙

ut

(24)

The ratio between the anti-roll bar stiffness in the front and rear
is empirically
chosen in dependence on the longitudinal position of the CG and the overall mass of the
vehicle. The effect of this ratio on self-steer behavior also depends on the roll-anglegradient, as the roll-angle-gradient determines how much the roll stiffness distribution is
affected by the anti-roll bars compared to the springs. The constant values in (25) and (26)
must therefore be determined empirically for the given roll-angle gradient and must be
adapted manually for different values of roll-angle gradient.
represents the static weight
distribution to the front axle.
쳌
h
ᇮ
h
(25)
쳌
h
ᇮ
h
䁆
涙
(26)
䁆
涙
䁆

(27)

The constant value of 4 in (25) results from the requirement that an equally balanced
h should have a five percent lower total stiffness (including springs
vehicle with
and anti-roll bars) at the front axle for safety reasons than at the rear axle. The linear value
of 30 results from the above requirement combined with the statement that a vehicle with
h does not require any further weakening of the front axle and therefore
can
h , the linear coefficient is increased from 30 to 50 for safety reasons.
be set to 1. For
The calculation of
䁆 was designed in a way that the first requirement is met for all
vehicles regardless of the total mass.
The rear anti-roll bar stiffness can now be expressed by
and the front anti-roll bar
stiffness. As a result, the front anti-roll bar stiffness remains the only unknown quantity in
(24). The obtained solution for the stiffness values satisfies both, qualitative (distribution of
roll moment between front and rear) and quantitative (roll-angle-gradient) requirements.
3.6 Suspension Kinematics
Suspension kinematics have a large influence on the self-steer behavior of a vehicle. The
kinematics determine how toe and camber angles change with vertical wheel travel and
steering. The characteristics depend on the hardpoints of the suspension system. As these
points need to be defined in the concept phase they are not subject to fine-tuning during the
later phases of vehicle development process as this would cause high costs. To take into
account these kinematic adaptions during early design phase in the parameter adaption, this
subchapter shows an approach how this process can be automated.
In contrast to kinematics, suspension compliance describes the change of toe and
camber due to longitudinal and lateral forces applied to the wheels. The compliance
characteristics are (besides of geometric configuration of the levers) mainly determined by
the stiffness of the bushings. Even though compliance behavior is also targeted in the
concept phase, the stiffness of the bushings can be modified in later phases of development,
while the position of the hardpoints is fixed then.
Therefore, only kinematics are considered for the parameter adaption, in particular the
change of toe and camber. In the following, all kinematic characteristics are approximated
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using the linear equation (28). The corresponding angle gamma (toe or camber) is
expressed in dependence on the variation of wheel travel. Positive
means
compression. is positive for positive camber (top of the wheel moves out) and positive for
positive toe (front of the wheel moves in).


(28)
The camber kinematics partially compensate the vehicle’s roll angle to ensure that the
tire-road contact not only is located on the tire’s outer flank or even on the shoulder. When
comparing common values for camber from a summary of different cars’ suspension setups
in [32, p.32-33] and [34], it can be concluded that the static (p0) and kinematic values (p1)
at the rear axle are chosen to be approximately 50 % to 100 % more negative than at the
front axle because of the lateral force potential of the rear wheels being crucial for driving
stability. Furthermore, excessive camber changes during wheel travel are generally to be
avoided for reasons of straight-line stability [32, p.34]. Taking these guidelines into account,
the following generic values in Table 2 are chosen:
Table 2. Generic static and kinematic camber values for a state-of-the-art vehicle.
p1
- 10 ° / m
- 16 ° / m

Camber front
Camber rear

p0
- 0.5 °
-1°

As already mentioned, the influence of the camber values is to be kept at a constant
level for reasons of comparability. Purely constant coefficients can only be used for the
static value p0. The vertical wheel travel depends on the roll stiffness and the track width.
Therefore, the p1 values given in Table 2 must be adapted, if a vehicle’s track width differs
from the reference track width of 1.7 m.
Since the maximum lateral force of a tire is not primarily affected by in- or decreasing
the steering angle of a wheel (in contrast to altering the camber), it is possible to influence
the self-steer behavior of the vehicle using the toe kinematics without compromising the
general vehicle’s lateral potential, thus not risking a decrease in driving safety. The focus of
designing the toe kinematics is to achieve a neutral, comparable behavior regarding steering
effort in the linear region of lateral dynamics for any powertrain configuration and therefore
every different set of chassis parameters.
The specific aim of this parameterization is to analytically calculate how to achieve the
required additional steering angle via toe kinematics when cornering to reach the same
steering effort as a nearly neutral reference vehicle. This demand yields to equation (24),
when ku1 is considered the reference understeer gradient and ku2 the understeer gradient of
the vehicle, which is subject to parametrization. δA corresponds to the slipless cornering
Ackermann steering angle.
 䁆 t

 䁆 t

(29)

Equation (24) indicates that there is the need for an additional steering angle of being
dependent on the lateral acceleration of the vehicle. This requirement is met since the
body’s roll angle is assumed to be linearly dependent on lateral acceleration (23). Equation
(30) describes how the kinematic steering angle is calculated with respect to body roll
(wheel travel due to roll motion 쳌 ) and the toe coefficient p1 (not the camber coefficient
from Table 2).
 䁆 t

 䁆 t



쳌



(30)

The body roll angle is given by equation (31), where 쳌 t쳌t 쳌tt
(referring to the
explanation of anti-roll stiffness in subsection 3.6) is the total resistance against roll.
䁆

t
(31)
쳌 t쳌t

쳌tt

쳌 t쳌t
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When combining (30) with (31) and inserting the results into (29), it is possible to
formulate correlation (32) between the configuration’s self-steer characteristics and the
needed coefficient for toe kinematics:
t



쳌 t쳌t

䁆

쳌tt

(32)

The unknown coefficient p1 is finally obtaining from equation (32)
쳌 t쳌t



쳌tt

(33)
䁆
The reference understeer gradient Ku1 is a freely selectable parameter and can be chosen
to match the desired steering effort. For a neutral and agile reference with a slight tendency
to understeer, thus meeting safety requirements, the specific value for this study is set to ku1
= 0.000325 s²/m.
Since the complete kinematics parameterization is expected to be run analytically, the
understeer gradient of the current configuration ku2 is calculated using a single-track model
(34), which eliminates the need for time-consuming iterative simulation.
䁆
(34)
t

t

t

The values for front and rear tire cornering stiffness ( t and t ) are obtained in
dependence on the vertical wheel load from the Pacejka tire model used in simulation. ks
was determined to be 0.94 to include the influence of the anti-roll bar, spring stiffness
distribution and camber values in the single-track model.

4 Results
To evaluate the results, a parameter variation is performed. The baseline configuration of
the glider is set to the specifications of a Tesla Model S 85D (main Data listed in Table 3).
The powertrain definition and the tire model (including the rolling resistance) were also
specified accordingly.
Table 3. Main input parameters for the glider.
Quantity
Wheelbase
Trackwidth front
Trackwidth rear
Total width
Total length
Air drag coefficient
Frontal area
Wheel dimensions
Rolling resistance
Range (NEDC)

Value
2960 mm
1662 mm
1700 mm
1964 mm
4978 mm
0.24
2.34
245/45 R19
0.0086
502 km

For this baseline vehicle, the longitudinal weight distribution as well as the total weight
have been modified. The equal weight distribution of the base vehicle was adapted to 60 %
front / 40 % rear and vice versa while retaining the total weight. By that, the total range for
any configuration is covered, as no realistic concept with an underfloor battery is likely to
have a weight distribution that deviates more than 10 % from a equal distribution.
Additionally, the total weight has been decreased and increased about 10 % while keeping
the load distribution constant. A total weight change of +/- 10 % again represents the
maximal weight change due to powertrain design modifications.
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Fig. 3. Plausibilisation of steering behavior for different configurations (solid:adaptive, dashed: nonadaptive).

The comparison of the steady-state cornering behavior of these vehicles is shown in
Figure 3. In the linear region up to 5 m/s2, different configurations match well when using
the parameter adaption. Without adaptive parameters, the configurations with a modified
weight distribution deviate from the target behavior, while changes in weight do not affect
the behavior. In the nonlinear region, the effect of the adaptive parameters is minor in
comparison to the effect caused by the variations. The weight distribution again shows a
higher influence than the total weight does. The configuration with the CG shifted to rear
still shows an understeering behavior in the near-limit area. This is caused by the stiffness
of the front axle that makes the front tires reach their degression first.
The transient behavior is evaluated with Bode plots of the yaw rate in a sine sweep
steering maneuver. Results are shown in Figure 4. For low frequencies, the results for
adaptive parameters are consistent with the steady state results, while the deviations
increase with frequencies higher than 0.8 Hz. Again, the modifications in the total weight
cause minor effects compared to the influences caused by a modified CG position. The
simulation results for non-adaptive sets of suspension parameters deviate when modifying
the weight distribution. This is a result from the deviations in the steady-state cornering
behavior from Figure 3.

Fig. 4. Bode plot for the steering angle of different configurations during in sine sweep steering
manouver (solid:adaptive, dashed: non-adaptive.

5 Summary and Discussion
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The literature review showed a need for the consideration of vehicle dynamics in
powertrain design optimization for multi-motor EV. It was further showed that such a
holistic powertrain design optimization has not been conducted yet. The authors then
describe the methodology for the adaptive parameterization. In particular, they explain in
detail the determination of parameters for springs, dampers, anti-roll-bars as well as
suspension kinematics. Results prove that modifications in the total weight and the weight
distribution due to changes in the powertrain configuration have major effects on the
vehicle’s dynamic behavior. The presented method for an automated parameter adaption for
the suspension design is able to align the steady-state behavior in the linear region. The
non-linear region can only be influenced in a minor way. The difference between the
adaptive and the non-adaptive sets of parameters in steady-state conditions in general is
quite low. In general, the adaptive parameters have large effects on the overall evaluation of
a powertrain concept, in particular due to changes in total weight. Thus, it is necessary to
ensure the comparability of different powertrain layouts.
While the approach can be applied to many types of vehicles, an adaption of certain
constant values might be necessary (roll center height, Eigen frequency, damping ratio) due
to different requirements. Furthermore, the approach cannot ensure an optimal behavior of
different configurations regarding vehicle dynamics, as this would require a separate
optimization. However, a separate optimization of the suspension design within a
powertrain design optimization would lead to extensive and inacceptable computational
efforts. Furthermore, it would to be too detailed for the early design phase. Therefore, this
approach can be seen as a trade-off solution between low computational effort and
comparability of results.
The vehicle behavior most likely is influenced by changes in the CG position. The range
of variation shown above from 40/60 to 60/40 can be seen as a limit for most vehicle
concepts. By intelligent positioning of components in the vehicle package (in particular the
battery), a 50/50 load distribution can be achieved in most cases for electric vehicles. The
change in total weight is more likely to appear for different powertrain configurations due
to different efficiencies as well as power demands and the subsequent adaption of the
battery to maintain the necessary maximum power and energy.

6 Conclusion and Outlook
The presented method improves the comparability of vehicle dynamics simulations in the
context of powertrain design optimization. Nevertheless, the effect is not too large
compared to a non-adaptive choice of parameters. Changes in the CG position affect the
results more than a change in the total weight.
Future research will focus on powertrain design optimization with consideration of
vehicle dynamics. The adaptive parameterization will be included in a powertrain design
optimization to ensure a valid suspension design as well as accurate weight and inertia
parameters. One thing that is not included in the parameter adaption is an adaption of the
tire dimensions. [35] proposes a method to adaptively scale tire parameter sets for Pacejka
tire models. In future research, an integration of tire scaling will be evaluated.
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