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Abstract. The main purpose of this study is to obtain more correct vehicle ride responses by using
a nonlinear ride model considering the effect of Macpherson suspension geometry. Traditional ride
model applied to analysis and controller design uses a two degree of freedom linear model, which
includes sprung mass and unsprung mass and a spring and a damper vertically connect them. In fact,
suspension components do not vertically position above the tire. The motions of body and tire are
not going straight up and down. Therefore, the analysis results obtained by the simple model are
often different from the experimental values of the actual vehicle. Because of the difference between
simple model and actual vehicle, the control strategy almost cannot apply to actual vehicle. In order
to understand the effect of suspension geometry on the vehicle ride responses and design a more
practical control strategy, a nonlinear model including the geometric parameters of the suspension is
constructed in this study. To estimate the initial equilibrium position of the suspension assembly
under load, the static equilibrium analysis and mechanism motion analysis are synchronous
implemented at the same time. The nonlinear model describes not only the relative position and
velocity but also the force transmission between body and tire. Furthermore, by linearize this
nonlinear model the development of control strategy for subsequent (semi) active suspension system
could be expected.

1 Introduction

Currently, traditional suspension mathematical models
are prevalent in analyzing and controlling the ride
quality of vehicles [1-4], as shown in Fig. 1 [5].
However, suspension components such as springs, shock
absorbers, and hydraulic cylinders are not installed
directly above the vehicle tires or positioned
perpendicular to the horizontal plane of the vehicle, nor
do the vehicle body and tires exhibit a straight up-and-
down motion (Fig. 2). Therefore, a simple straight up-
and-down suspension model cannot produce analysis
results concurring with those of experiments with real
vehicles. Consequently, control strategies formulated
using such a model cannot attain favorable effects.
Several studies have considered adopting the wheel
center rate, which is derived from the geometric effect of
the suspension, to replace the spring rate in a simplified
model [6-7], thereby reducing the difference between the
simplified model and real situations. However, few
studies have mentioned the equivalent damping
coefficients or equivalent driving force of shock
absorbers, which are related to the control strategies of
active and semi-active suspension systems. To
accurately determine the effect of suspension
components (e.g., springs, shock absorbers, and
hydraulic cylinders) on vehicle dynamic behavior and
design practicable control strategies, this study
constructed a nonlinear model incorporating suspension-
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related geometric parameters. Analyses on the static
balance and mechanism kinematics were also performed
to estimate the initial balanced positions of suspension
components subjected to various loads. This enabled
comprehensively describing how the relative positions
(spring rate), velocity (damping force), and force
transmission  (active  suspension) of suspension
components affect the motion of the vehicle body (ride
quality) and tires (grip). Finally, the nonlinear model was
linearized to design the control scheme of semi-active
suspension systems.

Fig. 1. Traditional suspension mathematical model [5].

© The Authors, published by EDP Sciences. This is an open access article distributed under the terms of the Creative Commons Attribution
License 4.0 (http://creativecommons.org/licenses/by/4.0/).
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Fig. 2. Relative positions of suspension components in practice.

2 Ride quality models

2.1 The 1/4 vehicle suspension models

Four 1/4 vehicle suspension models were constructed,
namely, straight up-and-down (hereafter referred to as
traditional), nonlinear, nonlinear linearized, and
ADAMS 1/4 vehicle suspension models. In addition,
changes in road surface conditions were used as input to
compare the differences between the models in terms of
various ride quality indicators, namely, vehicle body
vertical acceleration, spring deformation, and tire
deformation.

2.1.1 Traditional suspension model

Fig. 1 presents the schematic of a traditional suspension
model, whose dynamic equation is expressed as Eq. (1).
mg and m, denote the mass of the vehicle body (sprung
mass) and wheel (unsprung mass), respectively. k; and k,
represent the stiffness of the spring and tire, respectively.
¢, is the damping coefficient of the shock absorber. z,
signifies the road surface deflection. z, and z, denote the
vertical displacements of the vehicle body and tire,
respectively.

mZ =—k(z,~z,)=c,(,~2,)
' Q)

mz, =k (z,—z,)+c,(Z,-2,)-k(z,~z)

Rearranging Eq. (1) yields Eq. (2), where x=[x; x; x;
x4)" represents the state vector, x, =z, —z, represents
the suspension deformation, x, =z, represents the
vehicle body vertical velocity, x; =z, —z, represents the
tire deformation, and z, =z, represents the vertical
velocity of the unsprung mass.

x=Ax+Bz, ()
[0 1 0 -1
ke S
ms mS mA‘
A =
a 0 0 0 1
k.\' p _ kt __r
L mu mu mu mu

B,=[0 0 -1 o]

2.1.2 Nonlinear model

Fig. 2 illustrates the suspension components in a
balanced state. 6, and f, respectively denote the initial
angle between the lower control arm and horizontal line,
and that between the shock absorber and horizontal line.
I represents the initial length of the shock absorber.

When the lower control turns counterclockwise by
6°, the displacement of the vehicle body (Point A), lower
control arm (Point B), and tire center (Point C) relative
to the initial balanced positions can be determined.
Specifically, the displacements of Points A, B, and C are
defined using (y4, z4), (s, 28), and (ye, z¢), respectively,
as shown in Eq. (3), where [, Ip, and [ respectively
indicate the lengths of OA,OB, and BC, a represents
the angle between /, and the horizontal line, and y is the
angle between [ and I. When [,, Iz, and the angles
between the lower control arm and horizontal line (6,
and 6) are known, the vector loop method can be used to
determine the angles between the shock absorber and
horizontal line (5, and f).

ya=0

2, =2,

yp =lp(cos(0—6,)—cos(-6,))

2y =2, +1z(sin(0-6,)—sin(—-6,))
Ve =le(cos (B~ 7)—cos (B, 1)+ vy
Ze =l (sin(B—y)=sin(B, - 7))+ z,

[, sina+1,sing,
— -1 A B 0
B, =tan” (—————~

3)

l,cosa—1,cos6,

. l,sina +1,sin(6,-6)

p =ta

[, cosa—1, cos(6,-0)

The law of cosines is used to calculate the initial
length (Iy) of the shock absorber and the length (/) after
the lower control arm turns 6, as shown in Eq. (4).
Subsequently, the spring deformation (Al/) and the
compression rate of the shock absorber spring ( Al ) are
derived, where o' =a +6),.

I, = (& +1 =210, cosa’)

12

1=[1}+1; 21,1, cos(a’ - 0)]

(A1) = (1, 1)

Al=[,—~I

“4)

Equation (5) indicates using the Lagrange’s Equation
to construct the vehicle dynamic model, where g¢
represents the system parameter, 7 represents the system
kinetic energy, V represents the system potential energy,
D represents the system dissipating function (e.g., the
damping force), and Q represents the generalized force.
Substituting the displacements and velocities of the mass
points, which are respectively determined in Eq. (3) and
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Eq. (4), into Eq. (5) yields Eq. (6), or the vehicle
dynamic function with the vehicle body vertical
displacement (z,) and lower control arm turning angle (6)
as the system parameters.

dol oV oD

A 5
dt oG oq oq Q ©)

where,

1., 1 PR
T=omzl e om, (3 2)
= %(mx +m, )i +%mu[léﬂ§92 +1,6°
+21.1,,6° sin(/i’ - 7/)sin(t9 - 60)
+ 2zslcﬁgécos(ﬂ - 7)+ ZZSlBé 005(49 - 90)
+ 211, 3,0 cos(f - y)cos(0 -6, )]

1 1
1% :EkS(Al)z +5kt(zc -z, )

= %ks {2a, — b [cos &' + cos(a’ - 0)]
- 2[61]2 —a,b,(cos &' + cos(a' — 0)]
+b2[cos &' cos(a’ - 0)]" }+ % k(ze -z )

c,b’sin’(a' - 0)0°
8la, —b, cos(a’ - 6)]

1 .
D=c, (A =

where,

a, =P +12 ;b =211,

Y;; _% - li-l; _l
© 00 2[1;+2c08(a-0, + O L, +1; | 2

When g = z,,

(m,+m,)Z, + [mulcﬂa cos(f—y)+m,l,cos(6— 90)][9
M0 oSS = ) = m 13,0 sin(B ~ 7)
—m, 1,6 sin(@ - 6,) +k,(z. —2,)=0

When g =6,

1282 +m 12+ 2m 1,1, Byeos(B— 7 — 0+ 6,)p

+ [mulcﬁa cos(f—y)+m,l,cos(8— 60)]2'S

+2m 12,8, 0% + 2m 1.1, f3,,0% cos(f3 — y — O +6,)
=2m,lcl, 0% sin(B —y =0 +6,)( B, ~1)

+m, 21 B,0c0s(B—y)—m,z 1. f0sin(B~y) 6)
¢, by sin’*(a' - 0)0

4a, — b, cos(a’ - 0)]

+k,(zc = 2, Mlc c0S(B—=7) B, +1y cos(0 - 6,)]

1 d
——k, sin(a’ - O)[b, + ! =0
27 ¢ b [c, —d, cos(a'—H)]l/z]

—m,z1,0sin(0 - 6,) +

Where,

¢, =a’ —ab cosa’ ;d, =ab —b’cosa’
B, Ll sin(a—6,+0)I 1)

0 [ +21,1,cos(a—6, +O)+12 |

Bao

The state vector of the dynamic function of the
nonlinear suspensicr)n model is x = [ x; xo x3 x4 ]

= [Z; ;, @ 6| , and the state functions are
expressed as Eq. (7).
X =x,
X, = fi(x, %, %, %, 2,)
. Q)
X, =x,

X, = (0, X, X5, %, 2,)

where,
-1
fi=————I[2:8; +k,(ZC _Zng3 _gzgs)_gzg7]
8183 — 8284
S :_—[84g5 +k,(ZC _Zng4 _g1g6)_g1g7]
8284~ 8183

g =(m+m,)

8> =(mylcfycos(f—y)+my,lzcos(6—6,))

83 = muléﬂ; + mulEz; +2ml 1y fycos(B—y —0+6,)

g, =ml.f,cos(f—y)+m,l,cos(6—6,)

85 =m,lc o0 cos(B~ ) ~m,lc 36 sin(B ~y)
—m, 136° sin(6 — 6,)

86 =lccos(B—y) B, +1y cos(6—6,)

87 =2m,I¢ By Ps0" +2m, 1l Py 0° cos(B—y =0 +6,)
= 2m,lclp o’ sin(B —y = 0+ 6,)( Sy =)

+ my 2l Por0 cos(B = y) = m, 2l fr0sin(f - 7)
cpb12 sin?(a' — 6)0
4la, — b, cos(a’ - 0)]

d,
¢, —d, cos(a’ - 49)]'/2

—m, 2 lz0sin(@ - 6,) +

- % k,sin(a’ - 0)[b, — ]

2.1.3 Linearization of the nonlinear model

A nonlinear model in a balanced state can be linearized,
where the Dbalanced state is expressed as
X, =(X1,,Xp,, %305 %4,) =(0,0,0,0). The linearized state
function is displayed as Eq. (8). Because the linearized
function is overly long, the matrix elements expressed as
partial differential equations are not displayed herein to
conform to the space limitation of this manuscript.

i=A,x+Bz, (8)
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0 1 0 0 ] and F, respectively denote the reaction forces that the

o of o of front and rear axle suspensions exert on the vehicle body;

=L =1 =1 =1 Lyand L, respectively indicate the horizontal distances of

A = oy Oy, Oy Ox, the vehicle center of mass to the front and rear axles; L is
e 0 0 0 1 the distance between the front and rear axles; Ip
of, o, o, o represents the inertia of mass moment in the pitch

- - 4 4 direction of the vehicle body; and z, and z,, respectively

L0 Ox, Ox O, r=x, denote the vertical displacements of the front and rear

o o T axle sprung mass when the rear tires bounce because of

B, = {0 =L 0 —2} an uneven road surface. Equations (9) and (10) yield the
0z, %z, |. dynamic vertical accelerations of the front and rear axle

sprung mass ( Z,cand Z;, ), as shown in Eq. (11). The

. ) vertical accelerations of the front and rear axle unsprung

2.1.4 Adams 1/4 vehicle suspension model mass %, and %, are calculated using the same

expressions for the 1/4 vehicle suspension model, as
shown in Eq. (12). Equations (11) and (12) can be
rearranged into a matrix form, as shown in Eq. (13),
where x=[x] Xy X3 X4 X5 Xg X7 Xxg| 1is the
1/2 vehicle state vector; x; =z, — 2, is the deformation
of the front axle suspension; x, =z is the vertical
velocity of the front axle sprung mass; x; =z,, — 2z, Is
the deformation of the front axle tire; x4 =z, is the
vertical velocity of the front axle unsprung mass;
X5 =2, — 2, 18 the deformation of the rear axle
suspension; x, =z, is the vertical velocity of the rear
axle sprung mass; x; =z,, —2,, is the deformation of
the rear axle tire; and zg =z, is the vertical velocity of
the rear axle unsprung mass. Finally,
Zp = Frf Z,, |represents the road surface input, and
Jar  Jar]denotes the driving force input.

Fig. 3 depicts a 1/4 wvehicle suspension model
constructed using the ADAMS-View module. This
model serves as the reference to be compared with other
models.

fha:

mgz, =[- kg (2gr = 2up) = €pp(Zgp = Zyp) + faf]
+- ksr(zsr - Zur) - cpr(Z.xr - Z.ur) + far
—F,; +F,

Fig. 3. ADAMS 1/4 vehicle suspension model.

2.2 The 1/2 vehicle suspension models

. o ©)
1/2 vehicle suspension models are more informative than Ih¢ = [_ Kor (Zop = 2ur) = €pr(Zsr = Zur) + f“’]L’
their 1/4 counterparts. As shown in Fig. 4, data such as - [— ko (zyr = 2u4p) = Cpp(Zgp = Zup) + faf]Lf
the vertical displacement (z;) at the vehicle center of —FL —F.L
mass and the pitch angle (@) are also available in a 1/2 I
model. Lz, +Lz,
% L (10)
Ly T2y
= L
g  me—t-o |
a k.sr < = k.xf - . 1 LfLr 1 L?r
2y = Ja ey, Cpf %,/(,_, “yf =] —~ F.+| —+— Ff
m I, my »
(1D
T & = ; LyL
/:Ei/r\ l‘/f = ‘ 'Z'”: L_}_i Fr+ L_# F}‘
— —— m Ip m Ip ’
I L | L |
L My Zup = Kp (2 = 2up) + € (g = Zuy)
i i ~ki (zup = 2p) = fop (12)
Fig. 4. 1/2 vehicle suspension model. My, 2y = Ky (2 = 20p) + € (25 — Zyy)
. . _ktr(zur_zrr)_far
2.2.1 Traditional suspension model
x=Ax+B; 2, +B 1, (13)

Dynamic equations for determining z; and ¢ are
expressed as Eq. (9) and Eq. (10), respectively, where F;
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2.2.2 Nonlinear model

Similar to the 1/4 nonlinear model, the 1/2 nonlinear
model also adopts Eq. (3) and Eq. (4) to determine the
displacements and velocities of the sprung and unsprung
mass in the front and rear axles as well as the spring
deformation and compression rate of the shock absorber.
Z, and ¢ are determined using Eq. (10) and then
substituted into the kinetic energy, potential energy, and
dissipating functions, as expressed in Eq. (14) .

ICPMMT 2017
A = Aha Ahb T:le23+ 1 Ip¢ += 1 mur(yCr+ZCr)
¢ Ahc Ahd z 2 2
, L (52, 422,)
B {0 0 -1000 0 o} My Yer *2cr
hz —
100 0000 -10 1 1
v=Li (0P + L h, (e -2 P 4 Sk (0, P (19)
B, = [Bhfa Bhﬂ;}r 21 2 20
Where tS ktf (ZCf rf)2
_ . 1 ;
0 1 0 -1 D=—c,.(AL) + ¢ p(Al)?
L2 LD LR 2
k| —+-L| —¢ | —+=L 0 e | —+-L
HNom, 1 Plom, 1 Plom, T > : :
A= s sor s The Lagrange’s Equation, Eq. (5), is used to
ko‘ COv 2 _ Ll construct the vehicle dynamic motion with the vertical
n% mif _ﬁ —m# displacements of the front and rear axle sprung mass
L u u “ Yoo (z,and z,, ) and lower control arm rotation (6 and 6,)
0 . 0 . 0 0 . as the system parameters, as shown in Eq. (15). Solving
kn[lf’] cp,[lf’] 0 cpr[lf’] Eq. (15) determines the functional relationship of Z,
Apy = m A, me 1, m A, Z,» 0y, and 6, with the system states. The state
0 0 0 0 function of the nonhnear model is expressed as Eq. (16),
0 0 0 _ T_
L . where the state vector x = [ x| Xo X3 X4 X5 Xg X7 Xg] =
0 0 0 0 ] T
I LfLr I LfLr 1 LfLr [ Zsf Sf gef Hf Zs(ii Zsr er Hr ] 5
PV e P o P 0 eyl "7 f3=24,f4=0;, f5=%,,and fg =0,
c = s P s P s P
0 0 0 0 When g =z,
i 0 0 0 0 |
0 1 0 -1 T 1 2 2).. 1
o b o L N B £ L oy
k., [+1] —c,,,[ +1J 0 c,,,‘[+1'] ) L
A= "8' ’ n:) o ms] ' - IP)Z” * [mufleﬂef COS(ﬁf - J’f)
ky, Cpr -k, —Cpy +mylg cos(Hf =0y )]Gf (15a)
my, my, my, my, B / 0'2 (ﬁ _ )
- E - + Myrley Por p 07 cos\By =,
1 - -1 2
0 e mgleg By 07 sinlpy —7)
B mg 1 » m,, .
hfa L LL gl 07 sinl0 — 0o )+ ky ey =2, ) =0
0 | —-—L= 0
ms | When g = 6,
1 L.L 2 2 2
0 —- ; J 0 [muflcfﬂgf + i plge + 2my Lol ge Borcos(f
By = sl LZ | =1y =0+ 0,0, +mgles By cos(By -7 )
P - . 2 32
0 (mS W, pj O + gl 00(0; =0 )Zoy + 2, 12 By Bins

+ 2mygleglyy Baf cos(By ~7; —0p +6y)
= 2myglesly By OF sin(By = — 0, + 6, ) By
-+ muf'zszCf'ﬂezf‘éf' cos(Br =)

My Zgley By Oy sin(By — 7 )

Mg 2oplr 0 5in(0; — 0, 1)

c,biy sin® (@ —6,)6;

4la1f —byy cos(a} -0 )J
il (zer - z,f Ve cos(By —7) By + Ly cos(6;

—6 -

sf sm(af Hf )[blf
[clf —d,; cos(ay

1+lge for =
_ /2 if J af
Hf)]l (15b)
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When g = z, [0 1 0 0 0 0 0 0]
| 9 9 o 9 9 9 O O

2 2).. 1
?(mSLf S bm 2)z, + ?(mXLfL,
- Ip).z.sf + [murlCrﬁﬂr COS(ﬂr - 7r)
+my,,lg,. cos(6, — 90,)]é,
+ ’nurlCrﬁHZrér2 COS(:Br - yr)
- n/lurlCrﬁﬁzrér2 Sin(ﬂr - 7r)
- ’/nurlBrér2 Sin(er - QOr) + ktr (ZCr - er) =0

(15¢)

Wheng = 6,

14 By + My + 2,1, 1y, By coS(f,

=7, =0, +60,,)16, +[m,lc. By cos(B, - 7,)

+ my L, €056, —0y,))Z,, +2m,,1E. By a6}

+ ZmurlCrlBrﬂHngrz cos(B, -y, — 0, +6,,)
=2m,lc, Ly, By 6} sin(B, =7, = 6, + 60, ) By — 1)
+my, 2, le, P26, cos(B, = 7,)

— Myt le, B0, Sn(B, = 7,) = my, 15,6, sin 6,
c,.bi, sin’(a) - 6,)0,

4la,, — by, cos(a. - 6,)]

+k, (ZCr - erllCr cos(B, —7,) By + g, cos(0,

_00r)+

=00~ 3k, sina. ~6,)lb,

dlr ]+lBrfar:O

[, —dy, cos(a, —6,)]" (15d)

X =X,
X, :f3(xl’x2’x3’x4’x5’x6’x7’x8’erserafafsfar)
X3 =2y
Xq = fa (X, Xy, X3, X4, X5, X5 X7, X85 2y Zprs Sap > Sar)
X5 = X6
Xq :fs(xl’x23x37x4’x5’x63x77x8’erazrr’fafafar)
X7 = xg

Xy = fo (X1, X0, X3, X4, X5, X6, X7, X85 2y > Zprs Sap s far)

(16)

2.2.3 Linearization of the nonlinear model

The nonlinear model in the balanced state is
linearized, with the balanced state expressed as
Xe = ('xle’xZE’x3e>x4e7x5€’xée’x7e’x86) :(050707()’0’07070)-
Equation (17) yields the state function of the linearized
model.

X=Apx+Byzr +B,2, By for + By (17)

Ox; Ox, Ox3 Oxg Oxs Oxg Ox; Oxg
0 0 0 1 0 0 0 0
Y Yo Ya Yy Ya Ui Yu Ya

Ox, Ox, Ox3 Oxg Oxs Oxg Ox; Oxg

A= 0 0 0 0 0 1 0 0
Us s s s s Us s Us
Ox; Ox, Ox3 Oxg Oxs Oxg Ox; Oxg
0 0 0 0 0 0 0 1
Yo Yo s Yo Y5 Yo Y5 Ys
| Ox; Ox, Oxy Oxq4 Oxs Oxg Oxq 6x8_X=X€
Bhlf:{o % 0 % 0 Gi 0 _af6}
A
B o %o Pog By K
' 0z, 0z, 0z, %, |,
B o B oo oo F oo U
" Sor S S ],
Jar=0
BW[O By Heog Fs af_ﬂ
afar afar afar afar far:O

2.2.4 Adams full vehicle suspension model

Fig. 5 illustrates the full vehicle suspension model
built with the ADAMS-Car module. This model serves
as the reference to be compared with the other models.

Fig. 5. ADAMS-Car full vehicle suspension model.

3 Initial balanced positions of
suspension components

The nonlinear model of suspension geometry induces
distinct system responses (nonlinear behavior) under
dissimilar swing positions of the lower control arm.
Therefore, the initial positions of a loaded suspension
system must be identified prior to determining the
system responses accurately.

In this study, a static balance analysis was conducted
(Fig. 6), in conjunction with with a kinematics analysis
performed using the vector loop method (Fig. 5)[8], to
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determine the initial angle of the lower arm (6,) under . Front Spring Stifiness
various loads. Fy represents the force that the road '
surface exerts on the suspension (tires), Fprepresents the 26
reaction force that the lower control arm exerts on the

_ E 25
suspension along the AB direction, and Frepresents the 3
force that the shock absorber spring exerts on the § 24
suspension. The functional relationships of the static 3 25
balance functions and kinematics functions are expressed 8
as (18) and (19). 5 22
21
) P —
t. 210 20 30 40 50 60 70

Length(mm)

(a) Front axle
Rear Spring Stiffness

INd
©

N
3

N
=)

n
o

Ind
©

Fig. 6. Static balance analysis of the suspension system.

Stiffness Coefficient(kg/mm)
n
S

N
[N

F,+F. +F, =0 -
21
F =-F,cos(-0,)—F.cos 5, =0 (18) )
F;, = —FB sin(—@o) — FC sin :Bo = FW 10 20 30 Lengﬁzmm) 50 60 70
(b) Rear axle
D+l -1
0, =cos™ (%) —a Fig. 7. Spring stiffness.
e (19) .
ﬂ _ tanil( lA sina + 13 sin 00 10 Front Damping Force
0 l,cosa—1,cos@, [
50 // —
4 Simulation and discussions g °
4.1 Basic suspension parameters g
2 .00
The parameter settings are described as follows: front
and rear sprung mass (m, ;=143 kg, m, = 90 kg), front 150
and rear tire mass (m,,= m,,= 10 kg), stiffness (k,= k,=

. . . . -200
200 kN/m); interaxle distance (L = 1.8 m), and inertia of 250 200 150 00 50 0 50 100 150 200 250

mass moment in the vehicle body pitch direction (Ip = e
1100 kg - m?). Fig. 7 depicts the spring stiffness; the

(a) Front axle

Rear Damping Force

springs were compressed by 10 mm when installed. Fig. 10

8 illustrates the damping characteristics of the shock " —
absorbers. Suspension geometry was configured

according to Fig. 2 and the parameters defined in Section 0

2.12: 1, =0545 m, Iz = 0336 m, = 0.107 m, a =
65.965°, and y = 36.15°; before the system was loaded,
the parameters were set as [p = 0.5554 m, f,= 101.52°,
and 0,=—7.964°.

-50

-100

Damping Force(kg)

-150

-200

-250
-250 -200 -150 -100 -50 0 50 100 150 200 250
Velocity(mm/s)

(b) Rear axle

Fig. 8. Damping characteristics of the shock absorbers.
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4.2 Verification of the initial balanced positions Table 2. Mean values of the spring stiffness and shock

of the suspension system absorber damping coefficient.

To verify the initial balanced positions of the suspension k (kg/mm) ¢ (kg - s/mm)
system through the proposed mathematic'al moc'iel, the Front axle 26088 0.628
front axle suspension parameters (defined in Section 4.1)

were substituted into (18) and (19) ; this enabled Rear axle 2.8566 0.822
determining the initial lower control arm angle and o cctoration

spring deformation of the loaded suspension system in 2900 s

the balanced state. The identical parameter settings were
applied to the ADAMS software tool to conduct
simulation and obtain the simulated initial lower control
arm angle and spring deformation.

2000

1800 /,
1600

In the mathematical model, the lower control arm 1400
angle shifted from —7.964° (the unloaded state) to 2.467°, o 1200
turning counterclockwise by 10.431°. The shock S 1000
absorber length decreased by 0.059 m from 0.5554 m to 800

0.4964 m. Conversely, the ADAMS model determined

600

w‘%&‘

that the lower control arm turned counterclockwise by w00 Nor-inear ||
10.47°, and that the shock absorber length decreased by 7;’;::::;:"”

0.05973 m. Therefore, the two models attained similar 20 ADAMS ||
results (Fig. 1), verifying the feasibility of the ° 4 & 8 10 12 14 1 18

mathematical model proposed in this study. (a) Vehicle bo dyH\Z/ertical acceleration

Table 1. Comparison of the initial balanced positions

determined with the proposed and ADAMS models. . suspension travel ) .
Non-linear
Change in the | Change in the Linearization
1 Traditional [
lower control | shock absorber ADAMS
arm angle length ]
ADAMS model 10.470° 59.73mm e ‘
Math ical
athematica 10.431° 59.0mm oo 1 "
model g / ‘
. . . 04 “r
4.3 Verification of the 1/4 vehicle suspension
mathematical models 02 1
A chirp signal, which is a type of time-variant string |
signal available in MATLAB Simulink, with constant o % & © 10 2 14 1® 18 =
amplitude was adopted as the road input. In this study, e )
the signal frequency was set as 0-20 Hz to conduct 40 s (b) Spring deformation
of simulation, as shown in Fig. 9. The vehicle body _ _
. . . . . Tire dynamic deflection
vertical acceleration, spring deformation, and tire 1.6
deformation determined using the traditional, nonlinear, »
and linearized nonlinear models under specific road ’ i
inputs were compared with those simulated using the 12 f#
ADAMS model. \
;
x10° chirp signal -
5 - : g ; : g 08 i
T 0.6 ﬁ
i /
2r 0.4 i Non-linear |~
1k / Linearization
0.2 Traditional
£ Of /’ ADAMS
T 2 4 & 8 10 12 14 1 18 2
2 Hz
a- (c) Tire deformation
“T Fig. 10. Frequency responses resulting from the chirp signal
0 i 2 s 4 5 6 7 8 o 10 road input.

time

Fig. 9. Road input as a chirp signal.
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The front axle parameters were adopted. Specifically,
the nonlinear, linearized nonlinear, and ADAMS model
used the spring stiffness and shock absorber damping
coefficients respectively displayed in Figs. 7(a) and 8(a).
By contrast, the spring stiffness value of the traditional
model yielded the mean tire rate obtained using the
parameter simulation with the ADAMS suspension
platform (Section 4.1), and the shock absorber damping
coefficient was the mean value acquired from Fig. §;
Table 2 lists these parameter values. The nonlinear and
linearized nonlinear models required determining the
initial balanced positions before conducting simulation,
whereas the time domain simulation involved the fast
Fourier transform to obtain the frequency response (Fig.
10).

The simulation results (Fig. 10) showed that
compared with the traditional model, the nonlinear and
linearized nonlinear models demonstrated dynamic
responses more similar to those of the ADAMS model,
verifying that the proposed nonlinear mathematic model
is more reliable than the traditional model. The vibration
displayed in the simulation results resulted from the
jump resonance of the nonlinear model, in which slight
variations in the input frequency caused substantial
fluctuation in the output amplitude. Although the
nonlinear frequency responses are not applicable to
comparing the response values under different
frequencies, they still correspond with the results of the
time domain analysis.

4.4 Verification of the 1/2 vehicle suspension
mathematical models

Fig. 11 presents the random road surface input built with
the ADAMS software tool. Model verification was
conducted using vehicle speeds of 10 and 15 m/s.

x 10° random 10m/s
20

time

(a) Vehicle speed of 10 m/s

x 10" random 15m/s
20

time

(b) Vehicle speed of 15 m/s
Fig. 11. Random road surface input.

The front and rear parameters of the nonlinear
models were based on those defined in Section 4.1. The
traditional model used the spring stiffness and shock
absorber damping coefficient values displayed in Table 2.
Figs. 12 and 13 illustrate the simulation results.

my acceleration

m/s2

-10 ——— Non-linear
Linearization

——— Traditional

———— ADAMS

-15
0 1 2 3 4 5 6 7 8 9 10

time(s)
(a) Vertical acceleration at the vehicle center of mass

mg angular acceleration

—— Non-linear
15 Linearization
—— Traditional
) ‘ ———— ADAMS
1 T i )
T
05 ‘ ‘ j‘rr‘wr, - -
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|
1.5
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time(s)

(b) Angular acceleration in the vehicle pitch direction

Fig. 12. Temporal responses at the vehicle speed of 10 my/s.
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mg acceleration vehicle speed. Comparing the 1/2 models verified that
*® T Nomiinear the proposed nonlinear mathematical model is more
Linearization accurate than the traditional model in reflecting the
—— Traditional || . . .
DA actual dynamic behavior of vehicles.

5 Conclusions

This study constructed a nonlinear model composed of
suspension-related geometric parameters, and adopted
static balance analysis and kinematics analysis to
estimate the initial balanced positions of the
suspension components subjected to various loads.
This enabled comprehensively describing how the
T 2 3 4 5 & 7 8 9 10 relative positions, velocity, and force transmission of

time(s) the suspension components affect the motion of the

(a) Vertical acceleration at the vehicle center of mass vehicle body and tires. The nonlinear model was also
linearized to develop control strategies for semi-active

m, angular acceleration

25 —— suspension systems. The analysis results showed that
) ””[‘iz';‘rri‘:;’ion, compared with the traditional model, the nonlinear
s —— Traditional || and linearized nonlinear models attained simulation
i 1 ||| ADAMS results more similar to those of the ADAMS model,

verifying the accuracy of the proposed model.
Furthermore, when the nonlinearity of the suspension
system increased, the nonlinear and linearized

I

= | M nonlinear models effectively predicted the variations
i Il | in the dynamic responses. Therefore, the proposed
A f model can facilitate understanding the effect of
sl suspension components on vehicle dynamic behavior
5 to propose practicable control strategies.
-2.5
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